The contact stress in a gerotor pump is addressed in this paper because the gerotor pump cannot be adjusted for wear. The first part of this paper presents a simple and exact rotor profile equations of the gerotor pump. In the second part of this paper, an explicit formula to avoid undercut in the inner-rotor of the gerotor pump is proposed by examining the minimum radius of curvature of the inner-rotor tooth profile on the convex section. It is found that undercut does not occur so long as the minimum value of the radius of curvature on the convex section is not less than zero. Next, the contact stresses without hydrodynamic effect between the inner and outer-rotors are evaluated through the calculation of the Hertzian contact stress in the rotor teeth. Based on the above results, we finally present the wear characteristics of p H V s factor, which is proportional to the wear rate, between the rotors of the gerotor pump under quasi-static and dry contact conditions.
Introduction
Numerous applications in hydraulic and lubrication systems just require the circulation of the fluid. In such cases low noise emissions and little pressure ripples are more important than highly efficient transmission of energy.
The gerotor pump is ideal principle for such applications. Compared to conventional external gear pumps, the suction and pressure connection of the gerotor pump is axial to driving shaft. This also supports the compact construction. Due to the solid tooth shape, the gerotor pump is resistant to hydraulic and mechanical impact loads. The long durability of the gerotor pump is based on the relatively low speed between the internal and the external rotor. Furthermore, this pump is characterized by an extremely good smoothness and a low noise level.
Nevertheless, a disadvantage in the design of gerotor pumps is a lack of parts that can be adjusted to compensate for wear in the rotor set, and as a consequence, it causes sharp reduction of efficiency. Therefore, when the rotors become worn they must simply be replaced (1) . The main difficulty in calculating the contact stress is to determine the force that is transmitted through each contact point. Since there are many contact points, at any instant, the problem is statically indeterminate, and it is necessary to consider the tooth deformation at the contact points. This paper presents geometric and kinematic aspects that constitute a premise to the modeling and simulation of gerotor pumps. Gearing of a gerotor pump's rotor set with outer-rotor having one gear tooth more than inner-rotor is analyzed by the principle of the instantaneous center (2) .
Based on developed analytical expressions, we finally present the wear characteristics of p H V s factor, which is proportional to the wear rate, between the rotors of the gerotor pump under quasi-static and dry contact conditions.
Rotor profile equations
The number of teeth of the inner-rotor is always one less than the outer-rotor. The outer and inner-rotors have respectively N and ( ) 1 − N teeth. We can choose any shape for the outer-rotor teeth, and the inner-rotor is then generated conjugate to the outer-rotor. We describe here only the outer-rotor having N arcs of circle in the placement of R from its center with the radius of r R . The following is a brief summary of the rotor geometry, which is described in more detail in Refs. (2) and (3).
Before deriving the profile equations of the inner and the outer-rotors, four coordinate systems corresponding to the rotor set should be defined as shown in Fig. 1 
If φ is the counterclockwise rotation of the outer-rotor relative to the inner-rotor, then the counterclockwise rotations 2 φ and 3 φ of the outer and inner-rotors are given by
For the homogeneous coordinate transformation from the contact point of C 
Non-undercut condition on the inner-rotor
As is well known, the formula for the radius of curvature of a parametric curve is
where x and y are coordinates of the parametric curve, x′ , x ′ ′ and y′ , y ′ ′ are the first and the second derivatives of x and y with respect to the parameter, respectively.
If the mesh points of C f 3 in Eqs. (4) are differentiated with respect to φ , then the resulting formula for the radius of curvature of the tooth profile of the inner-rotor will be very complicated because of the term of ψ . It will be impossible to obtain directly an explicit formula. However, it will be overcome by the introduction of the radius of curvature of the point
. After some calculation, it yields a simple formula for the radius of curvature ρ of the inner-rotor as follows: 
Fig.2
Inner-rotor profile design example for showing undercut Shown in Fig. 3 is the relationship between radius of curvature ρ of the tooth profile and the generated parameter 2 φ . From Fig. 3 , we can observe that the radius r R of the cylindrical outer-rotor teeth increases, then ρ decreases. If r R is larger than a limit value, the min ρ on convex section will be negative and the tooth profile of the inner-rotor will be self-intersecting. This will produce backlash between the inner-rotor and outer-rotor teeth during running.
Fig.3
Radius of curvature for the design example
To avoid this undercut, the point with zero radius of curvature must be avoided, i.e. the minimum value of ρ of the tooth profile on convex section should not be less than zero.
we can obtain an explicit formula for calculating the maximum value of λ of the outer-rotor tooth size ratio to avoid undercut on the inner-rotor in the form:
Using Eq. (7), it is very easy to calculate limit dimension. For an example, if the design parameters are given as R =6, N =5, and E =1, the maximum outer-rotor tooth radius to avoid undercutting is ( ) = max r R 2.34521.
Hertzian contact stress
The chamber volume reaches either maximum or minimum values when it is symmetrical over the O . The force caused by the fluid pressure will have the components y p∆ − and x p∆ − , and it acts through the midpoint of the line joining the two contact points.
Since there are several contact points, the problem of calculating the contact forces (concurrent force system at the pitch point 23 I ) is statically indeterminate (Fig. 4 ).
Fig.4
Distribution of contact forces
The method used here to find the contact forces is as follows: It is assumed that the bearings of both rotors are stiff compared with the stiffness e k of the teeth. Thus, when a couple is applied to the inner-rotor, it will rotate a small amount θ 
Quasi-static FE analysis
The pump shown in Fig. 5 (in-house developed MFC program) has proportions similar to pumps that are commercially available. The pump with the rotor thickness of H =9.25 mm was analyzed, using the values of R =40.725 mm, r R =10.85 mm, N =9 and eccentricity E =2.85 mm. Here the radius of the circle that contains the outer-rotor profile was set as c R =35.8 mm (see Fig. 1 ). The specific volume (the theoretical displacement) is evaluated as 9.74 cm 3 /rev. and determined using the following formula
where A ∆ is equal to the difference of the maximum chamber area and the minimum chamber area.
Fig.5
Simulation screen for the kinematic analysis Simulation work is now taken under study for the above specific unit. It does not take into account the manufacturing, clearance and thermal effects in this preliminary approach. The profiles of the rotors have to be defined very accurately in order to obtain a correct geometry of the assembled rotor set. Initial penetration has to be avoided because a virtual interference would appear producing unreal results. For this approach, we have used the commercial FEA package of ANSYS. Figure 6 shows the FE mesh of the assembled rotor set. The elements have been more refined on the contact points. A small rotation of θ ∆ is given to the inner-rotor using MPC184 element and the contact stress at the contact point is calculated by the penalty of the penetration caused in each tooth. The analysis has been carried out in a quasi-static mode without taking into account of the dynamic components in the deformation equations.
Fig.6
FE mesh result . Also the selected material properties were E =210 GPa and ν =0.29 for all the rotors. The results shown are three contact points while the analytical study shown are four. One may need a more sophisticated the geometric modeling, being more accurate and to increase the mesh density. Simulation work continues and it will be able to obtain more results for modeling the crankshaft and housing of the pump. 
Wear rate proportional factor
Based on experimental data of various unlubricated (dry) material pairs, the vast majority being metallic, it is possible to write the laws of adhesive wear as follows. The amount of wear is generally proportional to the applied load and the sliding distance and generally inversely proportional to the hardness of the surface being worn away. For a designer who is interested in the rate of wear depth, the wear rate is proportional to the 8. Here we presented only 5 results out of total 9 for graphical brevity.
Fig.8
Sliding velocity and WRPF with the rotation of the outer-rotor It reveals that the sliding velocity arrives at the maximum value when the outer rotor lies on negative f x 3 -axis (e.g., π θ = 2 for 1 N tooth) or the minimum chamber volume appears. However, the maximum wear position is expected at shift rotation position before arriving at the maximum sliding position. This WRPF on the milestone work will be generally used as a relative wear performance index for the selection of the rotor set material pairs and the geometric parameters. 
